Introduction
Gas-steam combined cycles have the highest energy efficiency among common power plants, with the biggest exergy losses occurring in the combustion process and in the heat transfer process between the topping Brayton cycle and the bottoming Rankine cycle ͑cf. ͓1͔͒. An approach to reduce the exergy loss in the heat transfer process from a variable temperature heat source ͑such as the turbine exhaust gas in this topping cycle͒ is to concurrently also vary the temperature of the heat sink and thus make the temperature difference between the heat source and sink more uniform along the heat exchanger. This can be accomplished in a number of ways, such as by using a multi-pressure boiler in the Rankine cycle ͑that is the heat sink͒, by employment of a supercritical bottoming cycle, or by using binary-component working fluids that exhibit a variable boiling temperature during the boiling process.
Maloney and Robertson ͓2͔ introduced the use of an ammonia/ water mixture ͑a widely used working fluid in refrigeration machines͒ as the working fluid in an absorption power cycle. In the combined power cycle proposed by Kalina ͓3͔ , an ammonia/water mixture was employed as the working fluid in the bottoming cycle, and was found ͓4͔ to produce under certain conditions more power than the Maloney and Robertson cycle. Others have also analyzed such binary cycles ͓5,6͔ and proposed different methods for producing higher power outputs, such as integrations with a liquefied natural gas ͑LNG͒ evaporation process ͓5͔ or with an absorption refrigeration unit ͓6͔.
All the above-mentioned systems have power as their only usable output. In this paper we propose and explore a cogeneration system that produces both refrigeration and power.
Compared to the separate generation of power and cooling or heating, cogeneration can have an arrangement of energy and exergy "flows" within the system that results in lower fuel consumption ͓7͔. Goswami et al. ͓8͔ proposed a combined power/ refrigeration cycle using ammonia-water as the mixed working fluids, and investigated its performance ͓9-14͔. Their analysis made under idealized conditions ͑neglecting all the irreversibilities͒ yielded energy and exergy efficiencies of 23.6% and 65%, respectively ͑when operated between the top and bottom temperatures of 400 K and 280 K͒. In their system, the ammonia vapor from a rectifier unit, which is about 20% of the total mass flow, first expands in a turbine to generate power and then the cold turbine exhaust provides cooling by transferring only sensible heat to the chilled water. The cooling capacity drops with the increase of the turbine inlet temperature, hence the system was mainly intended to be operated by low temperature heat sources. Most ͑ϳ80% ͒ of the working fluid mass flow is recycled as the absorbent in this system and therefore leads to relatively low outputs of power and refrigeration per unit working fluid mass flow rate. Zheng et al. ͓15͔ also proposed an absorption power and cooling ͑APC͒ combined cycle based on the Kalina cycle. To produce almost pure ammonia, a rectifier was used to replace the flash tank in the Kalina cycle. The outflow from the top of the rectifier is throttled by a valve and then produces refrigeration before mixing with the main stream. An energy efficiency of 24.2% and an exergy efficiency of 37.3% were reported with the turbine inlet parameters of 350°C/50 bar. Several variants of such absorption cogeneration cycles have also been described in a number of patents ͑cf. ͓16-18͔͒.
A new ammonia-water system is proposed in this paper, for the cogeneration of refrigeration and power. The plant operates in a parallel combined cycle mode with an ammonia-water Rankine cycle and an ammonia refrigeration cycle, interconnected by the absorption, separation, and heat transfer processes. The perfor-mance is evaluated by both the energy and exergy efficiencies and is compared with conventional separate cycles for generation of power and refrigeration.
The Cycle Configuration Description
An important motivation in the development of the cycle proposed and analyzed in this paper was the recognition that proper operation of the absorption cooling cycle requires the generator to operate at a significantly higher pressure than the absorber ͑here the pressure ratio is ϳ7͒, and that the weak solution flow ͑which is about 80% of total work fluid mass flow rate͒ from the generator to the absorber is just throttled for creating this pressure drop. In the base case system analyzed below ͑Fig. 1 and Tables 1-3͒ , the results show that the replacement of the throttling by power generation is significant, having energy and exergy, ͑H 6 − H 11 ͒ and ͓͑H 6 − H 11 ͒ − T a ͑H 6 − H 11 ͔͒, values, respectively, of 15% and 8.5% of the total cycle heat input and exergy input. Introduction of a steam-driven power generation system in lieu of the throttling valve, with heat addition to vaporize the weak solution, allows generation of power alongside with the refrigeration produced by the absorption system. Furthermore, judicious design allows also the use of streams that are not cold enough for refrigeration use, but are colder than the turbine exhaust, to increase the power generation by cooling the turbine exhaust to a lower temperature and thus to a lower condensation pressure.
Unlike the conventional gas-steam combined cycle, the two subcycles in the proposed power/refrigeration combined cycle use the same working fluid, a mixture of ammonia and water, but with different concentrations. The combined cycle configuration can be varied according to the relative positions and interaction of the two subcycles.
One basic cycle configuration is proposed in this paper as the parallel combined cycle. The cycle layout is shown in Fig. 1 . The power cycle can be identified as 6-7-8-9-10-11-1. The refrigeration cycle is 14-15-16-17-18-1. They connect together in the process 1-2-3-4 / 12-¯-6 / 14. A rectifier is needed to separate the feeding stream into the top ammonia rich outflow ͑12͒ and the bottom ammonia weak outflow ͑4͒. A reboiler and reflux are necessary at the bottom and the top of the rectifier, respectively, to maintain the continuing exchange of mass and heat in each rectifier stage. Correspondingly, the working fluid has basically three concentration levels: the basic concentration solution in the pro- cess 1-2-3, the weak concentration solution in the power cycle 6-7-8-9-10-11, and the high concentration solution in the cooling cycle 14-15-16-17-18. The combined cycle also has four pressure levels: the high-pressure level ͑7-8͒ and low pressure level ͑9-10͒ in the power cycle, and the two intermediate pressure levels in the rectification process ͑2-3-4 / 12-¯-6 / 14-15͒ and the refrigeration ͑16-17-18͒ and absorption processes ͑18/ 11-1͒. The ammonia/water outflow from the absorber ͑point 1 in Fig.  1͒ is pumped to the rectification pressure ͑2͒. Before being fed to the rectifier, it is preheated by the external heat source to its saturation temperature ͑3͒. In the rectifier, this basic concentration solution is separated into a high concentration vapor ͑12͒ ͑almost pure ammonia͒ and low concentration solution ͑4͒, the first stream is sent to the condenser CON 2 and the second to the reboiler REB.
The weak solution from the reboiler ͑6͒ is brought into the power cycle by being pumped to the system high pressure level ͑7͒ and then evaporated and superheated by the heat source gas to the highest power cycle temperature ͑8͒. It then expands in the turbine to generate power ͑9͒. The condensed solution ͑10͒ from CON 1 is pumped to the absorption pressure and sent back to the absorber ͑11͒.
The high concentration saturated liquid ͑14͒ from CON 2 is subcooled in the heat exchanger C to ͑15͒. After being throttled in V to the refrigeration pressure ͑16͒, it provides refrigeration during its evaporation process in EVA ͑17͒, absorbs heat in the cooler C to ͑18͒, and finally it combines in the absorber ͑ABS͒ with stream ͑11͒ from the power cycle. The two streams mix there to form the basic concentration solution ͑1͒, which is cooled in ABS to its saturated state, and this completes the whole cycle.
The cycle can be heated by the flue gas of a gas turbine or any other industrial waste process heat with a suitable temperature, entering at 19. In this paper, the heat source fluid is chosen to be air ͑79% N 2 and 21% O 2 ͒. The hot air ͑19͒ flows through the hot sides of the boiler B ͑20͒, the reboiler REB ͑21͒, and the heat exchanger HEX ͑22͒ in turn, and is exhausted to the environment at the outlet of HEX.
In the two condensers CON 1 and CON 2 , and the absorber ABS, the working fluid is cooled by 30°C water. This relatively high cooling water temperature was chosen to produce reasonably conservative performance results.
The Base-Case Cycle Performance
The system has two useful outputs: power and refrigeration. Since the heating fluid is finally exhausted to the environment, the calculation of the efficiencies is based on the initial state of the heating fluid. The energy efficiency is the ratio between the total energy outputs to the heat input from the heating fluid:
and where W is the power output from the turbine, reduced by the power input to the pumps ͑P 1 , P 2 and P 3 ͒. Since the energy efficiency weighs the power and refrigeration outputs as well as the heat input equally, even though the quality of these energies is rather different, exergy efficiency is a more proper evaluation criterion in this case, and in the evaluation of cogeneration systems with more than one kind of energy output or input in general.
The exergy efficiency is defined as the exergy output divided by the exergy input to the cycle: 
where the exergy of the heating fluid, E in , is given as:
h a and s a are the enthalpy and entropy of the heat source fluid at ambient temperature and pressure. The exergy of refrigeration, E EVA , is calculated as the exergy difference across the evaporator EVA
It is assumed that the system operates at steady state. The simulations were carried out using the commercial Aspen Plus ͓19͔ code, in which the component models are based on the energy balance and mass balance, with the default relative convergence error tolerance of 0.01%; the thermal properties were calculated with the thermal property method of the Electrolyte NRTL model or the SR-Polar model for high temperature ͑Ͼ246°C͒ and pressure ͑Ͼ100 bar͒ application. To validate the property calculations, the property results from Aspen Plus and the data published by the International Institute of Refrigeration ͓20͔ were compared, and the results show good agreement between them. The main assumptions for the calculations of the base case cycle are summarized in Table 1 .
The proposed cogeneration system could be used as a bottom cycle in a combined cycle system, with a gas turbine as the topping cycle. Since the flue gas temperature of a common gas turbine of small size or middle size is about 500°C, the binary turbine inlet temperature is chosen to be 450°C in the base-case study, and it is varied in the study to investigate its effects on the system performance. Ammonia starts dissociating at higher temperatures to nitrogen and hydrogen, although some past studies ͑cf. ͓3͔͒ have assumed its use in power cycles up to 532°C.
The calculations are based on unit mass flow rate ͑1.0 kg/ s͒ of the basic working fluid fed to the rectifier. Table 2 summarizes the parameters, including temperature t, pressure p, vapor fraction, mass flow rate m, and ammonia mass fraction X, of some main streams of the cycle flow sheet.
The computed performance of the cycle is reported in Table 3 . The exergy efficiency is much higher than the energy efficiency because the external heat source fluid is at a relatively low temperature and its exergy content is hence much lower than its energy content. Figure 2 is the t-Q diagram of the cycle heat addition process. The heat duty Q is normalized by the cycle energy input Q in ͑Eq. ͑2͒͒, to show more clearly the fraction of heating fluid energy utilized in the system. To get a better temperature match with the heat source fluid, the positions of the boiler B, the reboiler REB, and the heat exchanger HEX are arranged according to their temperature levels. As shown in the figure, the minimal heat transfer temperature difference ͑15°C͒ appears at the hot end and the middle of the boiler, and at the cold end of the reboiler.
An exergy analysis was performed to evaluate the exergy losses in the system as shown in Table 4 and Fig. 3 and provide guidance for system improvement. The contribution of the cooling water exergy is not taken into account, because its exergy gain is lost to the environment anyway. Figure 3 demonstrates well how the exergy is used, lost, and reused in all of the system components. It was found that 44.3% of the total input exergy is lost: 3.4% to the environment in the flue, and 40.9% due to the irreversibilities in the components. The biggest exergy losses occur in the condensation process in CON 1 and the heat addition process in B; the exergy losses in these two components are nearly 23% of the total exergy input.
The exergy analysis results can now be used to guide system improvements. That condensation exergy loss ͑in CON 1 ͒ could be reduced if the heat transfer driving temperature difference could be reduced further; 1.7 percentage points of exergy efficiency increase can be expected for 5°C drop of the condensation temperature, but that would be at the expense of more costly heat exchangers. To reduce the exergy loss in the boiler B, a higher ammonia concentration in the working fluid is preferred to produce the desired temperature glide. However, it is hard to lower the turbine back pressure, because the higher concentration fluid requires a higher condensation pressure at the given temperature. There are ammonia concentrations that maximize the efficiencies, as discussed below.
The turbine expansion process causes the next largest exergy loss, which can be reduced by using a more efficient turbine. For example, the turbine can produce 5.8% more power if its isentropic efficiency increase to 92%, and the energy efficiency and exergy efficiency will increase to 28.9% and 58.8%, respectively, which means that a 3.1% reduction of overall exergy losses can be obtained by 5 percentage points increase of turbine isentropic efficiency. The exergy loss in EVA is 0, because the exergy associated with the refrigeration output is calculated as the working fluid exergy difference across the evaporator EVA. Table 4 The cycle exergy inputs, outputs, and losses decomposition "for m 1 =1 kg/s… It is noteworthy that while the refrigeration energy output is about one third of the power output, its exergy value is only 5.8% of the power output, which indicates that the exergy efficiency values the cooling output only as a small contribution. This is partially because the refrigeration exergy is defined ͑Eq. ͑5͒͒ as the minimal power needed to produce the refrigeration output Q EVA in a reversible refrigeration cycle. In a practical system, much more power is needed to produce the same amount of refrigeration, because of the process irreversibilities ͓14,21͔.
The work demand to produce that cooling capacity Q EVA in a reversible Carnot refrigeration cycle is:
and W rev is equal to E EVA defined in Eq. ͑5͒. The ratio W rev / Q EVA =1/COP rev is Ͻ0.2 for refrigeration produced above −25°C and is only 0.17 for the base case cycle in this paper ͑with T a = ͑25+ 298.15͒ K͒. Feeling that it under-represents the exergy of cooling, Vijayaraghavan and Goswami ͓14͔ proposed the use of W = Q EVA / COP practical ͑instead of W rev or E EVA ͒ as the refrigeration contribution in the exergy efficiency calculation. This would obviously result in a relatively larger exergy contribution of the produced refrigeration in this cogeneration system, and in a higher exergy efficiency than that calculated from Eq. ͑3͒, but presents a thermodynamic definition inconsistency. We therefore proceed with the definitions of Eqs. ͑3͒-͑5͒, keeping in mind that while the exergy input E in in Eqs. ͑3͒ and ͑4͒ represents the maximal work that the heat input Q in can produce, the refrigeration exergy output E EVA represents the minimal work needed to produce the cooling energy Q EVA .
Parametric Analysis and Discussion
In the power cycle, the turbine inlet temperature and pressure p 8 are independent variables. In all the calculations, the working fluid in the turbine is set to expand to the lowest possible pressure. When the pinch point temperature difference in the condenser is given, the turbine backpressure is determined just by the cooling water temperature and the working fluid concentration. In other words, the turbine backpressure p b is not an independent variable, and the condenser outflow is the saturated liquid at the temperature that is the sum of the cooling water temperature and temperature difference needed for the heat transfer. Assumption of the rectifier feed ͑3͒ and the absorber outflow ͑1͒ being at saturation helps to reduce the number of independent variables.
In the rectifier there are several operation variables ͑such as the operation pressure, the reboiler outlet temperature, and the reflux ratio͒. Other cycle independent variables include the basic working fluid ammonia mass fraction, and the cooling water temperature. Figure 4 shows the effect of the turbine inlet temperature t 8 ͑or the heating fluid inlet temperature t 19 ͒ on the cycle performance. These two temperatures are changed simultaneously to maintain the 15°C temperature difference at the boiler inlet.
It is clear from Fig. 4 that the increase of t 8 leads to the increase of the power output but has no impact on the refrigeration capacity. Therefore the refrigeration/power ratio decreases, and both energy and exergy efficiencies increase as well.
Since the bubble point temperature of the power cycle working fluid in the boiler B remains unchanged, when t 8 drops below about 450°C, the heat transfer temperature differences in REB and HEX increase as a result, leading to the rapid increase of the heating fluid exhaust temperature and to the faster decrease of the efficiencies. Figure 5 shows the effect of the turbine inlet pressure p 8 . It has similar influence on the power and refrigeration outputs as that of the turbine inlet temperature, but milder. When p 8 is increased from 40 to 60 bar, the cooling capacity remains the same, the power output increases by 4.2%, and there is a pressure ͑about 52.4 bar in Fig. 5͑b͒͒ , which maximizes the efficiencies.
Increasing the reboiler outlet temperature t REB requires more heat input to the reboiler, which would increase the distillate rate and the refrigeration capacity. The reboiler temperature should not be lower than the bubble point temperature of the mixture; otherwise no distillate will be obtained at the top of the rectifier. Its upper limit is the temperature at which all the ammonia in the rectifier feed is distilled out. There are reboiler temperatures that maximize the energy and exergy efficiencies, since increasing t REB beyond these values raises the reboiler heat input more than the consequent rise of the refrigeration capacity.
When the rectifier operation pressure p REC increases, the distillate rate drops slightly. The refrigeration capacity decreases as a result; the power output remains almost unchanged. Both the energy and exergy efficiencies decrease. When p REC drops below a 
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Transactions of the ASME certain value, the distillate cannot be condensed for the given cooling water temperature, and hence no refrigeration will be produced.
As the rectifier molar reflux ratio RR increases, the distillate rate drops a little, but its ammonia concentration increases. The power output increases slightly. There are values of RR that maximize the efficiencies, which is about 0.3 for the exergy efficiency , and 0.2 for the energy efficiency I .
The effect of the basic ammonia mass fraction X in the working fluid ͑states 1-2-3͒ is shown in Fig. 6 . When X increases, the mass flow rate of stream 14 increase too, leading to an increase of the refrigeration capacity and the decrease of the power output. The total output and the energy efficiency increase, since the refrigeration capacity increases faster. However, the rectifier feed temperature is lower for a higher ammonia concentration, thus more heat input is needed to drive the reboiler. It is found that there is an ammonia mass fraction that maximizes the exegy efficiencies , which are about 30% ͑Fig. 6͑b͒͒. The exergy efficiency drops afterwards because the drop of the power output dominates then.
There is an upper limit to X: if the concentration is too high, the working fluid cannot be condensed under the given pressure and cooling water temperature in the absorber.
The effect of the cooling water temperature is shown in Fig. 7 . For a lower cooling water temperature, the working fluid in the turbine may expand to a lower pressure, therefore power output will increase, and so will the energy and exergy efficiencies. The refrigeration capacity remains unchanged because the ammonia is subcooled by the EVA outflow, instead of by cooling water in the heat exchanger C. From Fig. 7͑a͒ we can conclude that when t w is higher than 30°C, the rectifier operation pressure has to be increased so that the strong solution can be condensed in CON 2 , and this leads to a dramatic decrease of the refrigeration capacity as t w is raised. As seen from Fig. 7 , when t w drops from 40°C to 20°C, the power output increases by nearly 15%, the refrigeration capacity increases by 22%, the energy efficiency increases by 4.4 percentage points, and the exergy efficiency increases by 8.5 percentage points.
Comparison with Systems that Generate Power and Refrigeration Separately
In this section, the cogeneration system is compared with two other systems to meet the same power and refrigeration load. The first system is composed of a Kalina power cycle and a separate ammonia/water absorption refrigeration cycle. The second one is composed of a conventional steam Rankine cycle and a separate ammonia/water refrigeration cycle. In the two above options, the power cycle exhaust provides the heat to drive the refrigeration cycle. The comparison is made based on the same outputs as obtained for the above-analyzed power/refrigeration cogeneration cycle. The main parameters and performances of the three systems are summarized in the Table 5. The energy and exergy efficiencies are used to evaluate the systems, instead of the COP ͑coefficient of performance͒ for the conventional analysis of a refrigeration system. Figures 8 and 9 are the t-Q diagrams of the heat addition process when the power and refrigeration are generated by the above two cascade systems. The heat source fluid flows through the power and refrigeration cycles in a cascade, i.e., the same heating air releases heat first in the power cycle boiler and then in the refrigeration cycle reboiler.
As shown in Fig. 8 ͑"option 1"͒, a Kalina and absorption refrigeration cycle, the irreversibility in the heat transfer process is very large. The Kalina cycle heat addition process has a much higher NH 3 concentration ͑X Ϸ 50% ͒, and therefore has a steeper slope in the evaporation process, and could have thus perhaps by itself matched well with the heating fluid exothermic process. Since this process exists, however, together with the heat addition process in the refrigeration cycle reboiler, it does not have a good temperature match with the heating fluid. In other word, the advantage of a Kalina cycle cannot be realized in this cascade process.
In the Rankine cycle, the steam turbine has a much lower backpressure than the turbine with the binary working fluid, and thus its condensation process exergy loss is lower than that in the cogeneration system. However, the steam Rankine cycle evaporation process is isothermal, while the sensible heat source that provides the evaporation latent heat does it at a varying temperature, thus leading to large heat transfer related exergy destruction. Furthermore, the heat source fluid leaves the reboiler at a relatively higher temperature ͑146°C͒, resulting in a larger flue gas exergy loss to the environment. In the cogeneration system, the components are configured in a heat source to sink, temperature cascade. Specifically, to match with the heating fluid, the boiler was placed at the highest temperature region, followed by the reboiler. Lower in the cascade, the heating fluid at the outlet of the reboiler was used to preheat the working fluid feed to the rectifier, helping to reduce the reboiler load. The heat source fluid energy can thus be recovered more thoroughly, and its exhaust temperature is much lower ͑ϳ90°C͒, leading to a markedly lower flue gas exergy loss than that in the two separate power and refrigeration generation systems proposed in this section for comparison. Since the component performances are all the same for the separate or cogeneration systems, the performance gain of the cogeneration system is mainly attributed to the system integration and better arrangement of internal mass and energy flows.
The cogeneration cycle is thus shown to have a much better performance in terms of both energy and exergy efficiencies. Compared to the two cascade generation systems, it requires a smaller heat source fluid mass flow rate. If the heat source is fuel, then the fuel consumption can be reduced significantly. Since the systems have the same power and refrigeration outputs, the energy consumption saving ratio is defined here as 
͑7͒
where m hs,SP and m hs,COG are the heating fluid mass flow rates of the cascade generation systems and of the cogeneration cycle, respectively. It is found that, compared with the system options 1 and 2, the ESRs of the cogeneration system are 35.9% and 9.2%, respectively. Applying different flows to different section of the heatabsorbing components of the system allows adjustment of the driving temperature differences, and thus the exergy loss, through the system. Comparison with a separate steam Rankine cycle and a refrigeration cycle using different heating fluids in the power cycle and cooling cycle shows that the ESR of the cogeneration system is about 22% ͓22͔.
In the cogeneration system, the hardware used is conventional and commercially available. In addition, the power cycle and refrigeration cycle share some components, therefore some components necessary in the systems which generate power and refrigeration separately can be eliminated, making the cogeneration system more compact. For example, the flash tank, two absorbers, and the splitter in the Kalina cycle are not necessary in the cogeneration system; only the boiler, the turbine, and one condenser are added to the conventional absorption cycle.
An Alternative Configuration to Increase the Power Output
Higher turbine backpressures are desirable for reducing or preventing the potential for air leakage into the system, which would create problems in the operation or design of ammonia systems; a vacuum pump would be needed to extract the air and other noncondensable gases. At the same time, higher turbine pressure ratios raise the system power output and cycle efficiency. To seek the potential for thermal performance improvement, an alternative cycle configuration is investigated in this section, in which part of Fig. 8 The heat exchange t-Q diagram in the Kalina/ refrigeration separate system "option 1… Fig. 9 The heat exchange t-Q diagram in the Rankine/ refrigeration separate system "option 2… the cooling from the refrigeration side is shifted to the power system side to reduce the turbine exhaust condensation temperature and thus the backpressure, too. The cycle flow sheet is shown in Fig. 10 . A heat exchanger ͑C in Fig. 10͒ is added before the absorber, in which the turbine exhaust is condensed to a lower temperature than that permitted by the cooling water. The strong ammonia solution outflow from the EVA provides the needed coldness to the condensation process. In this way, part of the refrigeration is transferred to the power output, and the turbine backpressure can be reduced to near the level of that in the conventional steam Rankine cycle. The minimum heat transfer temperature difference is set to be 5°C in this heat exchanger ͑C͒. Figure 11 shows that as more coldness is moved to the power cycle ͑moving in the direction of lower turbine outlet back pressure p b or the refrigeration/power ratio R͒, the cooling capacity drops and the power output increase ͑as expected͒, but their variations are not equal. When all of the refrigeration output is used to increase power output, the system will turn into a power cycle. From Fig. 11 it can be seen that decreasing the cooling capacity from 100% to 0% increases the power output by only 7.8%. It decreases the turbine exhaust back pressure from 0.242 bar in the base case to 0.128 bar, leading overall to a decrease of the thermal energy efficiency from 27.7% to 22.4%. R decrease from 0.334 to 0, and the exergy efficiency increases by nearly 1.1 percentage points. Work on further increase of power output and efficiencies requires cycle parameter optimization.
Some Considerations for Working Fluid Selection
The working fluid used in this type of cogeneration system is a binary mixture that must be suitable for use in absorption refrigeration cycles as well as in the power generation system. Much work has been done on identifying desirable properties of absorption cycle fluid pairs, and selecting or formulating various mixtures ͑cf. ͓23-26͔͒.
In the absorption refrigeration cycle, the working fluid consists of two substances with different bubble point temperatures. They should not react chemically and have good solubility at the operation conditions. Besides the coefficient of performance of the refrigeration cycle, there are some other factors that need to be considered when choosing the refrigerant and absorbent ͑in part from ͓23-25͔͒:
For the refrigerant:
͑1͒ Proper operation pressures in both the evaporation and condensation processes: It is better that the evaporation pressure be higher than the ambient pressure, to avoid air inleakage. It also implies that the refrigerant should have a low boiling temperature at the ambient pressure. Also, the condensation pressure at ambient temperature should not be too high to reduce enclosure cost and out-leakage. ͑2͒ High critical temperature and low freezing point temperature. ͑3͒ High heat transfer coefficients. ͑4͒ High specific refrigeration produced by unit refrigerant volume flow rate to reduce the plant size; low ratio of the solution ͑absorption reaction͒ heat to refrigerant latent heat,
͑lower solution heat requires more cooling of the absorber͒.
which is the ratio of the heat that has to be provided to the strong solution at generator inlet to bring it to equilibrium at the pressure and concentration, to the latent heat of evaporation. It determines the size of the heat exchanger between the weak and strong solution, and the possible efficiency loss due to the heat required in the generator to bring the strong solution to the equilibrium condition before desorption can start. ͑6͒ Low viscosity to reduce the flow resistance, or a low pumping work ratio n p Fig. 10 The flow sheet of the alternative combined power/ refrigeration cycle Fig. 11 Performance of the alternative cycle described in Fig. 10 262 / Vol. where X r and X w are the rich and weak solution concentrations, respectively, and ⌬p is the flow pressure difference.
Requirements ͑4͒-͑6͒ indicate the desirability of a solution with high r o , L , X r , and ͑X r − X w ͒, and low h d , ⌬p, and c, recognizing, though, that some of these requirements are in conflict with each other.
For the absorbent:
͑1͒ high absorbency with the refrigerant; ͑2͒ much higher boiling temperature than that of the refrigerant at the same pressure; and both of them should also have ͑3͒ no risk of crystallization, ͑4͒ low corrosiveness and high stability ͑chemically and thermally͒ in the operation region, ͑5͒ low toxicity and flammability, ͑6͒ low price and good availability.
In cogeneration systems, the absorbent ͑with lower concentration of refrigerant͒ should be also suitable for use in the power cycle ͑specifically Rankine cycle in this case͒, and thus must have some other properties:
͑1͒ to be condensed by ambient cooling water or air, its critical temperature must be higher than the ambient temperature; ͑2͒ high specific power production per unit working fluid mass flow rate; ͑3͒ high stability in the high temperature range at which it is heated ͑400-500°C here͒, noting that the power cycle typically operates at a higher top temperature than the refrigeration cycle; ͑4͒ high density at the final expansion stage ͑to reduce the size of turbine blades in the last stages͒; ͑5͒ low back-work ratio; ͑6͒ properties that promote high heat transfer coefficients in the power cycle heat exchangers such as boiler, condenser, regenerators, etc.
The ammonia water mixture was chosen as the working fluid in this study because ͑1͒ it is one of the most commonly used working media in absorption refrigeration systems and can produce refrigeration in the wide temperature range of −50-10°C, ͑2͒ the boiling temperature profile makes it possible to get a good thermal match with sensible heat sources, and ͑3͒ the system can use low/medium temperature heat sources, such as waste, solar, and geothermal. Except for its toxicity and flammability, ammonia has many merits: it is widely available, inexpensive, has high specific refrigeration production per unit mass flow rate, low viscosity, and good heat transfer performance. It has proper evaporation and condensation pressures; for example, the evaporation pressure is above ambient pressure with refrigeration produced at −33°C, and the condensation pressure is usually 12-14 bar. At the same time, water is the most common working fluid in power plants. It offers a very low back-work ratio, is safe and cheap. Rich experience has been accumulated in running steam Rankine power cycles.
Literally thousands of fluid pairs were considered or studied for absorption refrigerators and heat pumps to come up with better alternatives than the commonly used NH 3 -H 2 O and H 2 O -LiBr, to overcome some of the shortcomings of these pairs and to introduce new applications where these fluids are inadequate ͑cf. ͓23-26͔͒. These include both inorganic and organic fluids, and the studies focus on ͑1͒ additives to existing fluids, ͑2͒ modifications or substitutions of existing fluids, ͑3͒ screening of new fluids, and ͑4͒ synthesis of new fluids. Leading among the inorganic fluids considered are still ammonia refrigerant with absorbents such as water with various salts such as H 2 O -LiBr, CaCl 2 , LiSCN, and NaSCN; water as refrigerant with LiBr, LiBr-ethylene glycol, zeolites, H 2 SO 3 , and others; H 2 O-CH 3 OH refrigerant with LiBr; CO 2 refrigerant with aqueous amines, and others. Among the organic fluids are fluorinated refrigerants ͑now restricted to a small number because of the ozone problem͒ with various organic absorbents, methyl alcohol refrigerant with various inorganic salts as absorbents, and methalamine refrigerant with various salts, water, or organic absorbers. It is noteworthy that some of these fluids are also associated with power generation systems being developed for reducing CO 2 emissions, and useful synergies may be found. Detailed studies for finding new fluid pairs and the impact of their properties on cogeneration system performance are absent and much recommended.
Concluding Remarks
A new ammonia-water system is proposed for the cogeneration of refrigeration and power. The energy and exergy efficiencies were found to be 27.7% and 55.7%, respectively, in the base case with the maximum cycle temperature of 450°C. The exergy analysis shows that conventional improvements in the condenser and other heat exchangers as well as in the turbine efficiency can raise the exergy efficiency to over 60%. The parametric study shows that increasing the turbine inlet temperature has positive effects, whereas increasing the rectifier operation pressure has a negative effect and that there exist turbine inlet pressures, reboiler temperatures, rectifier reflux ratios, and ammonia concentrations that maximize the energy and exergy efficiencies. Comparison with other optional systems for separate generation of power and refrigeration having the same power output and refrigeration capacity shows that the cogeneration system has higher energy and exergy efficiencies: its energy consumption is lower by more than 36% and 9% than the two separate power and cooling cascade systems analyzed for comparison.
One feature of the binary working fluid is that the cycle condensation takes place at a varying temperature too, resulting in a turbine backpressure that is usually higher than that in the steam Rankine cycle. Higher backpressure is good to prevent air leakage into the system, but unfavorable to the power output and efficiency. By coupling further with the refrigeration cycle, the power cycle condensation process can be achieved at a pressure and temperature much lower than those in the conventional binary cycle with the same working fluid. The cycle pressure ratio and thermal performance can thereby be increased accordingly; and the combined cycle refrigeration/power ratio can be varied too since part of the cooling duty is transferred to the power output. Here, dropping the turbine pressure from 0.242 bar in the base case to 0.128 bar, the power output increases by 8%, the exergy efficiency increases by nearly 1.1 percentage points, and the refrigeration/power ratio decreases from 0.334 to 0, thereby shifting all the refrigeration output to power.
A brief review of desirable properties of fluid pairs for such cogeneration cycles was made, and detailed studies for finding new fluid pairs and the impact of their properties on cogeneration system performance are absent and are very recommended.
